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Abstract. The performance of reciprocating compressors is usually evaluated under fixed operating conditions defined
in standards. However, their actual operating condition depends on the interaction with the other components of the
refrigeration system. This paper presents a simulation model developed to characterize the performance of reciprocating
compressors under typical conditions of household refrigerators. The simulation model is based on simultaneous solution
of three sub models for the following processes: (i) compression cycle inside the cylinder, (ii) heat exchange between the
internal components of the compressor, (iii) heat exchange in the remaining components of the refrigeration system. The
model was validated by comparing predictions and experimental data of mass flow rate, energy consumption and evapo-
rating and condensing temperatures of a refrigeration system in different operating conditions. After being validated, the
model was used to simulate the effect of different compressor designs on the efficiency of the whole refrigeration system.
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1. Introduction

About 1.4 billion household refrigerators and freezers are in use worldwide (Barthel and Götz, 2012) and the vast
majority of these appliances employ the vapor compression refrigeration cycle. Naturally, the performance of the refrig-
eration loop depends not only on the efficiency of each of its components, but also on the manner they interact with each
other.

In household refrigerators, a necessary feature from the refrigeration system is the ability to provide higher cooling
capacities than thermal load under typical operating conditions. Two main aspects justify this requirement. First, during
the refrigerator pulldown - in which the refrigeration system must reduce the temperature of the refrigerated compartment
from a value close to ambient temperature to the desired levels - the compressor operates under severe operating conditions
and a considerable cooling capacity is required to reduce the pulldown time. Furthermore, when in typical operating
conditions, the refrigeration system must be able to maintain the temperature of the refrigerated compartments in the
desired levels even if there is an increase of the thermal load caused by events such as door openings, warm food and
drink refill.

In typical operating conditions, due to the excess of cooling capacity, the compressor operates in part load, i.e, there
are periods in which the compressor is either operating (on) or not operating (off), giving rise to the so-called cycling
operating conditions. In contrast to what occurs during the pulldown, in a typical cycling operation of the refrigerator the
time to reach a stabilized operating condition is short.

The cycling operating conditions of household refrigerators have been the focus of many studies, either through ex-
perimental investigation (Björk and Palm, 2006; Diniz et al., 2018b) or simulation models (Janssen et al., 1992; Hermes
and Melo, 2008; Hermes et al., 2009; Borges et al., 2011). Despite the physical insight allowed by experimentation,
simulation models often offer more flexibility and allow for parametric analyses. In this context, Hermes et al. (2009)
developed a steady-state simulation model for a refrigeration system to predict runtime ratio and energy consumption of
a household refrigerator operating under typical cycling conditions. Lumped steady-state approaches were applied to the
refrigerant flow in the heat exchangers, while the effects of the capillary tube and refrigerant charge were characterized
by fixed degrees of subcooling and superheating. Since the focus was not on the compressor, the authors estimated the
mass flow rate and power consumption by using maps for the volumetric and isentropic efficiencies.

This paper presents a simulation model developed to characterize the performance of reciprocating compressors under
typical conditions of household refrigerators. The model is based on the approach put forward by Hermes et al. (2009)
but employs a detailed modeling of the compressor. The complete model consists of three sub models: one to predict the
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compression cycle in the compression chamber, other to calculate the temperature of the compressor components, and the
last one to predict the operating condition by solving the remaining components of the refrigeration system. Some input
data required for the model were obtained from measurements, which were also used to validate the model predictions.

2. Simulation Model

The complete simulation model is formed by three sub models. The model is solved in an iterative manner until
convergence is achieved. The next sections describe the mathematical formulation of each sub model.

2.1 Compressor Modeling

The compression cycle model follows a transient lumped formulation for the compression chamber. The model is
based on four groups of equations (Todescat et al., 1992). The first one is used to determine the volume occupied by the
refrigerant inside the compression chamber. The second group of equations is composed by the conservation equations
of the compressor chamber to determinate the refrigerant temperature and pressure. The mass conservation equation is
given by Equation 1:

dmcc

dt
= ṁsv − ṁsv,b − ṁdv + ṁdv,b − ṁpc (1)

where ṁ is the instantaneous mass flow rate through control surface, the subscripts sv, dv, and b indicate the suction and
discharge valves and backflow in both cases, respectively. While the subscripts pc and cc indicate leakage through the
piston cylinder gap and compression chamber, respectively. As the volume and refrigerant mass are known, it is possible
to characterize the refrigerant instantaneous density.

By applying the energy conservation equation inside the compression chamber it is possible to determinate the instan-
taneous refrigerant temperature:

dTcc
dt

= A−BTcc (2)

where:

A =
1

mcccv

[
h̄AwTw − hcc

dmcc

dt
+ ṁsvhsc − ṁsv,bhcc − ṁdvhcc + ṁdv,bhdc − ṁpchcc

]
(3)

B =
1

mcccv

[
h̄Aw +

∂pcc
∂Tcc

∣∣∣∣
v

d∀cc
dt
− ∂pcc
∂Tcc

∣∣∣∣
v

vcc
dmcc

dt

]
(4)

In the above equations h̄ is the convective heat transfer coefficient calculated using the correlation proposed by Annnad
(1963). The temperatures from suction chamber (Tsc), discharge chamber (Tdc) and cylinder wall (Tw) are obtained via
compressor thermal model, which will be described shortly. Two geometric parameters are present: the heat exchange area
(Aw) and the compression chamber volume (∀cc). Knowing the density and the temperature calculated with Equation 2 it
is possible to determinate the instantaneous refrigerant pressure via state equation.

The third group of equations is required to characterize the dynamics of the suction and discharge valves. A one
degree-of-freedom mass-spring model is employed. The concept of effective force area is utilized to determinate the force
acting on the valve.

Finally, the fourth group of equations calculates the mass flow rates that cross the control volume surfaces. The concept
of effective flow areas is utilized to correct the theoretical value calculated using a model for the isentropic flow through
a convergent nozzle. Both effective force and effective flow areas were previously obtained through CFD simulations.
Mass leakage through the piston cylinder gap is estimated with a model for a fully developed laminar Couette-Poiseuille
flow (Ferreira and Lilie, 1984).

In this work, pressure pulsations in the suction and discharge mufflers are calculated by solving a 1-D numerical model
for the mufflers, as proposed by Deschamps et al. (2002).

Some parameters of the compression cycle model are inputs to the other two sub models: the electrical power con-
sumption (Ẇe), the indicated power (Ẇi), mechanical losses (Q̇b), the discharge line temperature (Tdl) and mass flow
rates. The mechanical losses and the electrical efficiency (ηe) were specified based on experimental data obtained for the
compressor under analysis. As shown by Equations 1 and 2, the model for the compression chamber adopts a transient
formulation. However, since the compressor thermal model and the model for the remaining components of the system
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predict steady state conditions, and the compression cycle time scale is considerably smaller than that of the other com-
ponents, the results must be averaged through a compression cycle. Table 1 shows the calculations needed to integrate the
instantaneous parameters over time. In Table 1 f is the compressor speed and the subscripts dl, l and s refer to discharge
line, leakage and suction, respectively.

Parameter Calculation

Ẇi f
∮
pccd∀cc

ṁi f
∮
ṁidt, where i represents a control surface

Tdl
1

mdv

∮
ṁdvTccdt

Q̇mot (Ẇi + Q̇b)(1− 1/ηe)

Table 1: Integration of the compression cycle model parameters

To calculate the temperature of the compressor components, steady state energy balances were applied to a group of
pre-determined control volumes, generating a thermal network in which the control volumes interact through mass flow
rates and thermal resistances (Diniz et al., 2018a). The thermal resistances were modeled using the concept of global heat
conductances, which were determined by adjusting the model to measurements of temperature distribution obtained in a
calorimeter for operating conditions corresponding to evaporating and condensing temperatures of−25.8 ◦C and 46.6 ◦C,
respectively, and ambient temperature of 32 ◦C.

Of special interest when solving the thermal model are the temperature in the suction chamber, cylinder and discharge
chamber, which are used as input data for the compression cycle model, as well as the discharge line temperature, which
is used as input data for the condenser model.

2.2 Modeling of Remaining System Components

The refrigeration system of a household refrigerator is composed by five main components: compressor, condenser,
capillary tube, evaporator and suction line. A heat exchanger involving the capillary tube and the compressor suction line
is commonly applied to increase cooling capacity and prevent liquid slug within the compressor. The compressor model
was presented in section 2.1. This section presents the energy balances that are applied to the refrigerant flow within the
remaining system components. The energy balance in the condenser is given by:

ṁchdl = ṁchcd,o + Q̇c (5)

where ṁc is the average compressor mass flow and the subscripts i and o refer to inlet and outlet. The heat loss between
condenser and external environment (Qc) can be calculated by using the concept of global heat conductances (UAs), as
shown in Equation 6.

Q̇c = UAcd(Tcd − Tamb) (6)

For the evaporator, a similar energy balance is applied:

ṁchev,i + Q̇e = ṁchev,o (7)

Q̇e = UAev(Tfz − Tev) (8)

where Tfz is the freezer temperature, subscripts ev and cd indicate evaporator and condenser, respectively. The capillary
tube and suction line models are included in the internal heat exchanger model, whose energy balance is given by:

ṁchev,o + ṁchcd,o = ṁchev,in + ṁchsl (9)

where the compressor suction line temperature, Tsl, is considered equal to ambient temperature. It is still necessary to
provide fixed values of refrigerant subcooling and superheating at the condenser and evaporator outlets, respectively. This
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procedure eliminates the necessity of a model to calculate the mass flow rate through the capillary tube and the prescription
of refrigerant charge (Borges et al., 2011).

Tev,o = Tev,i + ∆Tsup (10)

Tvd,o = Tcd,i −∆Tsub (11)

In order to obtain the global heat conductances UAev and UAcd the model was adjusted the operating condition (Diniz
et al., 2018a) defined by the evaporating and condensing temperatures used to obtain the compressor UAs. The parameters
of interest from this model are the evaporating and condensing temperatures, which are used in the compression cycle
model.

2.3 Solution Procedure

The solution procedure is based on exchange of information between the previously discussed sub models and it is
solved through the Newton-Raphson method. First, the compression cycle model is called with initial values for the
variables and operating conditions set, then the compressor thermal model is calculated and finally the models for the
remaining components of the system, closing the iterative loop. Figure 1 presents the flowchart of this iterative process.

Since the sub models require input from each other, convergence must be verified after each iteration between the
three sub models. In the present solution procedure, the simulation was considered converged if the average compressor
discharge temperature varied less than 0.1 ◦C between two iterations.

3. Results and Discussion

The predictions of the model were compared to measurements obtained by Diniz et al. (2018b). The authors tested
a one door household refrigerator in a climate chamber under three different ambient temperatures (Tamb): 32.0, 25.0
and 16.0 ◦C. For each ambient temperature there were multiple freezer temperatures (Tfz). Table 2 shows the freezer
temperatures for each condition, i.e, the test condition 32C refers to Tamb/Tfz = 32.0/−17.7 ◦C.

Figure 2 presents the simulated results of evaporating and condensing temperatures, energy consumption and RTR for
different reservoirs conditions.

Tamb [◦C] A B C

32 -9.3 -14.4 -17.7
25 -9.2 -14.0 -17.3
16 - -13.1 -17.0

Table 2: Experimental Tfz [◦C]

For this simplified steady state model, the RTR is determined by the ratio of the system thermal load (Q̇l) to the
cooling capacity (Q̇e), represented by Equation 12. The system energy consumption (Ė) can be estimated by multiplying
the RTR by the steady state compressor power consumption (Ẇe), as shown in Equation 13 (Hermes et al., 2009).

RTR =
Q̇l

Q̇e

(12)

Ė = ẆeRTR (13)

The thermal load is calculated by using the global heat conductance between the external environment and the freezer
(UAcompart). It is worth noting that in this work the thermal load is a post-processing variable and does not affect the
steady state evaporating and condensing temperatures, although a real system must have Q̇e > Q̇l.

Q̇l = UAcompart(Tamb − Tfz) (14)

The comparison between experimental and numerical results in the different operating conditions shows good agree-
ment, especially for lower freezer temperatures (−17 ◦C). This can be explained by looking at the run time ratio (RTR)
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Figure 1: Flowchart of the solution procedure

results. This parameter indicates the percentage of the time in which the compressor is operating. Therefore, lower run
time ratios have bigger effects of the system start-up transients, phenomena that the simplified steady state model cannot
represent. In a real system, the instantaneous operating condition changes throughout the on-period, which induces time
dependent variations in the cooling capacity and power consumption, which are not predicted by the model presented in
this work. The model was calibrated at the condition 32C and it also loses accuracy as the Tfz increases. The operating
conditions errors were in a range of ±1.6 and ±2.4 ◦C for Tev and Tcd, respectively.

Similarly as seen before for the operating conditions, for lower run time ratios the numerical model is able to predict
the RTR and system energy consumption. The prediction for energy consumption for the highest RTR condition (32C)
shows a deviation of 4.5%, and for longer off periods the deviation reaches 12.0%. The RTR show deviations in the range
of 4.5%.

3.1 Parametric Analyses

The model can be used in a parametric analysis to evaluate the effect of compressor design parameters on the perfor-
mance of the system. An advantage of this model over conventional compressor modeling approaches is the ability of
predicting the performance of the entire refrigeration system and not only of the isolated compressor under calorimeter
operating conditions.

A first parameter of interest is the clearance volume, which is required due to reliability issues. After the discharge
process, part of the refrigerant is confined in this volume and expanded before the opening of the suction valve, thus
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Figure 2: Measured and simulated results for different reservoir conditions

reducing the total amount of refrigerant admitted into the compression chamber. Besides the analyses that consider
the compressor interacting with the system, the model can also be used to simulate the compressor under prescribed
evaporating and condensing temperatures. Table 3a presents the results expected for the same compressor presented in
the validation under calorimeter operating conditions Tev/Tcd = −25.8/46.6 ◦C at 2949 RPM. The effect of varying the
clearance volume, from -20 % to +20 % of its standard value, S, is analyzed. Table 3b presents the same analysis, but
in this case considering the compressor interaction with the system under condition 32C. Table 4 presents the resulting
operating conditions in the refrigerator, besides the main performance parameters.

When the clearance volume is reduced under the calorimeter conditions, the model predicts a slight increase of the
coefficient of performance (COP ). The same analyses conducted when the compressor is operating in a refrigeration
system shows that the COP is less sensitive to changes in the compressor clearance volume. In this case, the decrease in
the clearance volume increases compressor cooling capacity, which decreases the evaporating temperature and increases
the condensing temperature, shown by Table 4. The decrease of the evaporating, or the increase of the condensing tem-
perature cause a higher temperature difference between each heat exchanger and its respective reservoir, thus increasing
the external thermodynamic irreversibilities. A second effect is the change in RTR, since a higher mass flow ratio results
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Case Ẇe [W] Q̇e [W] COP

-20% 45.9 80.2 1.75
-10% 45.2 78.2 1.73

S 44.3 76.1 1.72
+10% 43.5 73.6 1.70
+20% 42.5 71.6 1.68

(a) Expected calorimeter results (-25.8/46.6 ◦C)

Case Ẇe [W] Q̇e [W] COP

-20% 47.1 81.0 1.72
-10% 46.5 79.6 1.72

S 45.7 78.3 1.71
+10% 45.0 76.9 1.71
+20% 44.2 75.6 1.71

(b) Expected system results (condition 32C)
Table 3: Clearance volume analyses

in a lower operating time of the compressor.

Case Tev [◦C] Tcd [◦C] Ẇe [W] RTR [-] Ė [kW h/month]

-20% -25.1 46.2 47.1 91.4 31.0
-10% -25.0 46.0 46.5 93.0 31.1

S -24.9 45.8 45.7 94.5 31.1
+10% -24.8 45.5 45.0 96.3 31.2
+20% -24.7 45.3 44.2 97.9 31.2

Table 4: Operating conditions expected in a refrigeration system

The second parametric analysis is related to heat transfer inside the compressor. Suction gas superheating occurs
as refrigerant flows from the compressor suction line to the suction chamber, decreasing the compressor performance.
Therefore, thermal insulation in the suction system was investigated as an alternative to reduce superheating. The effect
of thermal insulation was predicted for operating conditions of calorimeter and refrigeration system by varying the heat
conductance between the suction muffler and the internal compressor environment in the range of ±50%. The results are
shown in Table 5.

Case Ẇe [W] Q̇e [W] COP

-50% 44.5 76.8 1.73
-25% 44.4 76.4 1.72

S 44.3 76.1 1.72
+25% 44.3 75.9 1.71
+50% 44.2 75.7 1.71

(a) Expected calorimeter results (-25.8/46.6 ◦C)

Case Ẇe [W] Q̇e [W] COP

-50% 45.8 78.6 1.71
-25% 45.8 78.5 1.71

S 45.7 78.3 1.71
+25% 45.7 78.1 1.71
+50% 45.7 78.0 1.71

(b) Expected system results (condition 32C)
Table 5: Suction heat exchange analyses

In calorimeter conditions, the model predicts a slight increase in compressor COP since the insulation of the suction
system increases the cooling capacity more than it increases the power consumption. As can be seen in Tables 5b and
6, the insulation of the suction system virtually does not effect the COP when the system interaction is considered. This
occurs because the temperature differences between both the evaporator and condenser and their respective reservoir
slightly increases, in spite of a reduction of inefficiencies in the suction system.

Similarly to the analysis of the clearance volume, an increase of mass flow rate tends to increase the difference
between the evaporating and condensing temperatures and those of their reservoirs, increasing irreversibilities. This
aspect makes the design of compressors more difficult, since a common method to test the compressor performance is
via experimentation in calorimeter and, not in the refrigerator. A calorimeter test cannot characterize the changes in the
operating conditions that occur in the refrigeration system as a consequence of design modification.

The third analysis is related to changes in the compressor speed. Variable capacity compressors (VCCs) adopt fre-
quency inverters to vary the compressor speed, in order to match the instantaneous cooling capacity to the thermal load.
In the present analysis, the compressor speed was varied from 1200 to 4500 RPM. The results are shown in Table 7.

The simulations with RTR higher than 100 indicate that the prescribed freezer temperature cannot be reached because
the compressor is not able to supply the cooling capacity equal or greater than the thermal load. However, since the
RTR for this steady state model is just a post processing output, and an improved compartment thermal insulation (lower
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Case Tev [◦C] Tcd [◦C] Ẇe [W] RTR [-] Ė [kW h/month]

-50% -25.0 45.9 45.9 94.1 31.1
-25% -24.9 45.8 46.8 94.3 31.1

S -24.9 45.8 45.7 94.5 31.1
+25% -24.8 45.7 45.7 94.8 31.2
+50% -24.8 45.7 45.6 94.9 31.2

Table 6: Operating conditions expected in a refrigeration system

Case Tev [◦C] Tcd [◦C] Ẇe [W] RTR [-] Ẇ [kW h/month] Q̇e [W] COP

1200 -21.8 39.7 23.5 176.4 29.9 42.0 1.78
1600 -22.7 41.7 28.6 141.0 29.1 52.5 1.80
2600 -24.3 44.6 40.6 103.5 30.2 71.5 1.76
3000 -25.0 45.9 46.4 93.5 31.2 79.1 1.70
3600 -25.5 47.3 53.4 85.4 32.8 86.6 1.62
4500 -26.0 48.6 61.4 79.7 32.2 92.8 1.51

Table 7: Operating conditions expected in a refrigeration system

UAcompart) would allow anRTR lower than 100. If the insulation is not changed, the lowest possible freezer temperatures
for the 2600, 1600 and 1200 RPM cases are −17.0, −11.3 and −8.0 ◦C, respectively.

Figures 3, 4 and 5 show the energy consumption and compressor overall efficiency for the conditions with freezer
temperatures of -17.7, -16.0 and −12.0 ◦C, respectively. The environment temperature was kept constant Tamb = 32 ◦C
in all simulations. Figure 6 shows the normalized consumption for different freezer temperatures. The compressor overall
efficiency (ηg) is given by:

ηg =
Ẇs

Ẇe

(15)

where Ẇs is the compression power consumption for an isentropic process.
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Figure 3: Impact of the compressor speed
Tfz = −17.7 ◦C
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Figure 4: Impact of the compressor speed
Tfz = −16.0 ◦C

There is an optimum design point for the refrigeration system at 1600 RPM, which is not the best condition for the
evaporator and condenser, since the lowest pressure ratio occurs for the 1200 RPM case.

The results demonstrate that the compressor speed that minimizes the system energy consumption is not the same
that maximizes its overall efficiency. This shows that the optimized speed is a trade-off between the irreversibilites in
the compressor and those in the heat exchangers. For instance, the case with Tfz −17.7 ◦C at 3000 RPM has the best
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Figure 5: Impact of the compressor speed
Tfz = −12.0 ◦C
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Figure 6: Impact of the compressor speed and the
freezer temperature

overall efficiency for that freezer temperature, but the heat exchangers are far from their optimum point and the overall
consumption is affected. It is also interesting to note that the increase of freezer temperature causes a slightly displacement
of the optimum point towards lower compressor speeds.

4. Conclusion

This paper presented a simulation model developed to predict the performance of reciprocating compressors under
typical operating conditions of household refrigerators. The model consists of three sub models, one for the compression
cycle, one for the heat exchange between compressor components and a third model to determine the temperature of the
remaining of the components of the refrigeration cycle. Some semi-empirical parameters required to the model were
obtained by adjusting the model to available experimental data in one operating condition. Afterwards the model was
validated by comparing measurements and predictions in different operating conditions, showing differences of 1.6 and
2.4 ◦C for evaporating and condensing temperatures, respectively, 4.5% for RTR and maximum deviations of 12.0% for
energy consumption. After the model validation, parametric analyses were carried out, in order to investigate the effects
of compressor design modifications on its efficiency under calorimeter conditions and on the performance of the whole
refrigeration system. The results reveal that the benefits of a more efficient compressor in a refrigeration system depend
on the nature of the design change that increased its efficiency.
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